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Abstract

In this study, three dimensional unsteady state equations of heat transfer and flow have been solved numerically for a passive heating room using
values of hourly averaged radiation during winter in Elazığ region in Turkey. For this purpose, a room having volume of 44.8 m3 (4 × 4 × 2.8 m)
was considered. Variable heat flux boundary condition depending on time was applied on absorber surface using values of hourly averaged
radiation. Convection boundary condition was used on glass surface, the walls and ceiling of the room by using overall heat transfer coefficient.
Constant surface temperature (6 ◦C) was used for floor of the room. Experiments were carried out manufacturing a model room having the size
of 1 × 1.2 × 1.2 m dimensions in order to maintain the corroboration of numerical solution. Governing equations for the model room built were
solved numerically and compared to experimental data. It was seen that the model predictions agreed quite well with experimental data. The effect
of overall heat transfer coefficient of glass on Nusselt number was also investigated. It was revealed that the overall heat transfer coefficient for
low Rayleigh number affected the average Nusselt number more than that of high Rayleigh number.
© 2007 Elsevier Masson SAS. All rights reserved.
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1. Introduction

For heating of buildings using solar energy, the solar energy
is collected and distributed properly in space by using either
effective or passive ventilation. If ventilation is provided by sys-
tems based on mechanical components that consume electric
power, the system is called as effective ventilation (or active
system). Otherwise, the system is called as passive ventilation
(or passive solar heating) based on natural convection. There
are four passive heating system approaches: (i) sun-tempering
which is achieved through modest increases in south-facing
windows; (ii) insolated gain involving passively capturing so-
lar heat and then moving it passively into or out of the building
using a liquid or air; (iii) direct gain which is one of the most
basic forms of passive solar heating. In this system, sunlight
enters the space to be heated, and is stored in a thermal mass
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incorporated into the floor or interior walls; (iv) indirect gain
(also called a Trombe wall or thermal storage wall), in which
solar radiation is captured by a part of the building envelope
designed with an appropriate thermal mass; such as a solid con-
crete or a masonry wall or a water tank behind glass. Thermal
storage wall is also called as massive thermal wall.

Passive solar heating is widely used in the cold climates. Pas-
sive design requires a detailed profound knowledge of energy
and heat flow behavior in the considered structure [1]. In order
to determine the energy performance of buildings, the most re-
liable numerical models are based on time-dependent solutions
of energy and momentum equations.

Different investigations using either solar passive cooling
systems (SPCS) or solar passive heating systems (SPHS) for
thermal comfort conditions of buildings have been performed in
previous studies. Those investigations contain either the exper-
imental study or numerical solution or both of them. Possibili-
ties and limitations of natural ventilation in restored industrial
building with a double-skin façade and effect of fixed horizon-
tal louver shading devices on thermal performance of buildings
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Nomenclature

A area . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m2

g gravitational acceleration . . . . . . . . . . . . . . . . m s−2

h static enthalpy . . . . . . . . . . . . . . . . . . . . . . . . . J kg−1

hw convection coefficient of the
environment . . . . . . . . . . . . . . . . . . . . . . W m−2 K−1

k thermal conductivity of the air . . . . . . W m−1 K−1

Nu Nusselt number
P static pressure . . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa
P ′ modified pressure . . . . . . . . . . . . . . . . . . . . . . . . . . Pa
q heat flux . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . W m−2

Q heat . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . W
Ra modified Rayleigh number based on the heat flux

and the cavity width
RaY modified Rayleigh number based on the cavity

height
R regression coefficient
S the cavity width . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
t time . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . s, h
T temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . ◦C, K
U overall heat transfer coefficient . . . . . W m−2 K−1

u velocity in x direction . . . . . . . . . . . . . . . . . . . m s−1

v velocity in y direction . . . . . . . . . . . . . . . . . . . m s−1

Vw wind velocity . . . . . . . . . . . . . . . . . . . . . . . . . . . m s−1

w velocity in z direction . . . . . . . . . . . . . . . . . . . m s−1

x, y, z Cartesian coordinate

Greek symbols

α thermal diffusivity . . . . . . . . . . . . . . . . . . . . . m2 s−1

β expansion coefficient . . . . . . . . . . . . . . . . . . . . . K−1

ε emissivities
θ dimensionless temperature
ρ density . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−3

σ Stefan–Boltzmann constant,
5.67 × 10−8 W m−2 K−4

τ stress tensor . . . . . . . . . . . . . . . . . . . . . . . . . . . N m−2

υ kinematics viscosity of the air . . . . . . . . . . . m2 s−1

Subscripts

a absorber
c ceiling
e environment
f floor
g glass
i, j , k direction
R radiation
w wall
were investigated by using TRNSYS program [2,3]. Chen et
al. [4] investigated numerically and experimentally the heat
transfer and air flow in passive heating room with greenhouse
and heat storage systems. Solar chimney and roof solar col-
lectors (RSC) were considered in order to improve the indoor
thermal comfort of houses or buildings [5–7]. Many investi-
gators analyzed and solved numerically the natural convection
problems in Trombe walls for two dimensional laminar flow
and steady state conditions [8–10]. A theoretical study has been
presented including combined heat transfer by conduction, con-
vection and radiation in a rectangular cavity by Hasnaoui et
al. [11]. Demirbilek et al. [12] have tested thermal performance
of a building, and evaluated through different modes of appli-
cation of insulation, materials, type of glazing, window/wall
ratios. Gan [13] and Rincon et al. [14] have evaluated numeri-
cally the thermal performance of a solar passive cooling system
under a hot and humid climate. In another work, the flow and
temperature fields in terms of temperature and velocity distrib-
utions at the exit section of duct of a heated vertical channel has
been presented numerically [15].

Although the experimental and numerical energy savings
have been widely reported for the passive heating system, very
few papers have presented local heat and velocity distribution
in the cavity. These papers have presented the heat and fluid
flow for two dimensional and steady state conditions. However,
the numerical method adopted in this work includes the solu-
tion of three dimensional unsteady state momentum and energy
equations.
2. Problem description and physical model

2.1. System description

The basic model of a passively ventilated room is illustrated
in Fig. 1. The interior dimensions of the room and cavity are
4.0 × 2.8 × 4.0 m and 4.0 × 2.8 × 0.2 m, respectively. The
cavity is basically composed of two parallel plates forming a
vertical channel in which the air can circulate. The internal wall
(south wall of the heating room) is an absorber of 0.3 m thick-
ness. The solar absorber wall (SAW), in which ten vents have
been drilled to be equal number on the top and bottom sides, is
designed to directly gain solar heat (as shown in Fig. 1). The ex-
ternal wall is a double glass. It has been assumed that all walls
except top and bottom walls are made of masonry brick of 0.3 m
thickness. Besides, all of the six walls are insulated in the mid-
dle of the walls by glass wool of 0.05 m thickness, which has
low thermal conductivity (kı = 0.038 W m−1 K−1). The top and
bottom walls are made of concrete having 2200 kg m−3 density
and 1.75 W m−1 K−1 thermal conductivity.

2.2. Numerical procedure

Using Fluent 5.5 Computational Fluid Dynamics (CFD)
software, the basic conservation equations were solved numeri-
cally. Natural convection problems demand on the simultaneous
solution of the conservation equations of momentum, mass and
enthalpy [16]. The numerical calculations were performed for
the unsteady velocity and temperature fields inside the room
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Fig. 1. The basic model for the room.
and the cavity. The equations for continuity and velocity com-
ponents take the following forms:

• Continuity equation

∂ρ

∂t
+ ∂

∂xi

(ρui) = 0 (1)

• Momentum equation

∂

∂t
(ρui) + ∂

∂xi

(ρuiuj ) = − ∂P

∂xi

+ ∂τij

∂xj

+ ρgi (2)

• Energy equation

∂

∂t
(ρh) + ∂

∂xi

(ρuih) = ui

∂P

∂xi

+ ∂

∂xi

(
k

∂T

∂xi

)
+ τij

∂τi

∂xj

(3)

where t is the time, ρ is the density, ui is the velocity
component in the i-direction, P is the static pressure, xi

is a Cartesian coordinate, τij is the stress tensor, gi is the
gravitational acceleration in the i-direction, h is the static
enthalpy, k is the thermal conductivity of working fluid and
T is the temperature. The following assumptions are con-
sidered for calculating the governing equations.
– The flow is considered as laminar, unsteady and three

dimensional.
– The fluid is Newtonian.
– Thermophysical properties of the fluid are constant ex-

cept for the density change with temperature which gives
rise to the buoyancy forces.

– The viscous dissipation is negligible.
– Heat is transferred from the SAW by convection to the
flowing air and by radiation to the cavity walls, as the
glass and the SAW emissivities are not negligible.

– Boussinesq approximation for the treatment of the nat-
ural convection of the air contained in the interior of the
cavity is used.

2.3. Boundary and initial conditions

• No-slip at all boundaries.
• Pressure (P ′) is zero at all openings of the cavity. Since

the flow is buoyancy-driven, Eq. (2) for vertical direction is
redefined in Fluent using the relation of P ′ = −ρogy + P ,
in which ρo is the reference density taken at 300 K and
atmospheric pressure [18,19].

• The air in the room and the cavity is initially stagnant and
at a uniform temperature (6 ◦C) which differs from the en-
vironment temperature.

• The environment temperature is assumed uniform (0 ◦C)
for all cases.

• It is assumed that the SAW is insulated on the side of the
room, and is painted black on the side of the cavity where
solar radiation is absorbed.

The boundary conditions used in the system are clearly de-
picted in Fig. 1. The surface-to-surface radiation was taken
into account through the so-called Discrete Transfer Radiation
Model (DTRM). The DTRM assumes that all surfaces are dif-
fuse, i.e. the reflection of incident radiation at the surface is
isotropic with respect to solid angle [16]. In this connection,
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the emissivities of the glass, black surface (SAW) and the walls
(painted white color) were used as εg = 0.86, εa = 0.93 and
εw = 0.91, respectively as given in Ref. [20]. Heat transfer
occurs by convection, for the boundary conditions on all of
the vertical surfaces, and on the top surface. If the environ-
ment temperature is provided, then the overall heat transfer
coefficient (U ) incorporated in the computations consists of
both thermal conductivity of the wall and convection coeffi-
cient of the environment, which is obtained by relationship of
hw = 5.6 + 3.8Vw [20]. In the present study, it is assumed that
wind velocity (Vw) is constant, and consequently, convection
coefficient of the environment (hw) does not change during day-
time. A uniform temperature boundary condition is used on the
bottom surface.

As known, incident solar radiation changes depending on
time of the day. In this study, hourly average of the solar ra-
diation during the winter months in Elazığ region in Turkey
(latitude: 38◦ 40′; longitude: 39◦ 39′; altitude: 991 m) was
calculated. When the numerical calculations were performed,
heat flux boundary condition, which changed depending on
time, was used on the SAW. The equations of continuity, en-
ergy and momentum were solved considering 15 minute period
time. After 15 minutes, the obtained results were considered
as the initial conditions of the next time period. Convergence
of the solution was checked at each time step, with the conver-
gence criterion of 10−4 for velocity components and continuity,
and criterion of 10−6 for energy. When heat flux value was
changed, the temperature and velocity component values ob-
tained in a previous time step for each node were assigned as
initial conditions. In this study, for all cases laminar model was
used since the modified Rayleigh number including the heat
flux (q) and width of the cavity (S) was less than 1 × 109. Al-
though the modified Rayleigh number increased up to 1.1×109

at 12 am, for a short time period, still laminar model was con-
sidered.

The cavity was filled a non-uniform grid with a very fine
spacing near the walls, as needed for accurately resolving the
steep gradients in the thin buoyancy-driven boundary layer.
However, regular grid was applied in the room. The overall
number of cells in the room including the cavity and the vents
are 68.013. Letan et al. performed a similar study in terms of
methods used [16,17]. They investigated a multi-storey struc-
ture in their study. They used 70 000 cells for each storey of
the structure, and the overall number of cells in the system was
about 300 000, including the duct and ports. As can be seen
in Table 1, the grid number did not affect the flow field inside
the enclosure significantly. For instance, increasing grid number

Table 1
Comparisons of local Nusselt number for various grid arrangements for Ra =
1.6 × 108 (8 am), Ug = 2.6 W m−2 K−1 and Te = 0 ◦C

Grid number
x (at y = 1.4 m)

0.1 m 1 m 2 m

47 381 23.27 23.21 22.91
68 013 22.83 22.01 21.88
98 331 22.07 21.84 21.60
from 68 013 to 98 331 had no important effect on flow behav-
ior, but considering the later grid number, the computational
time was approximately two times longer than the former one.

2.4. Validation of the computations

The numerical computation is verified with experimental
data. A model passive heating system (MPHS) was built to
validate the numerical procedure by a comparison with the ex-
perimental data, which included the temperatures on the glass,
and the velocity measurements in the cavity of MPHS. Inner
and outer surfaces of MPHS’s walls, which were made of stan-
dard bricks and insulation materials, were coated by a plaster
with a thick of 0.02 m. The cavity in the MPHS has the inner
length, width and height of 1 m, 0.2 m and 0.8 m, respectively.
Front side of the MPHS was closed by standard double-glass of
12 mm thickness in total (each glass is 3 mm and void space is
6 mm). As shown in Fig. 2(a), the structure geometry of MPHS
is different from the real-size geometry. The reason for this dif-
ference was to make a comparison between Trombe wall and
thermosiphon system for the same value of the solar radiation.
Therefore, a MPHS with both vertical and tilted (38◦) surface
was built. In this way, a performance evaluation of the passive
heating system with Trombe wall and thermosiphon system was
carried out. But, more detail will be given further.

T-type thermocouples of 0.5 mm diameter were placed on
the surface of the glazing and the SAW in the cavity. The
airflow velocity was measured with an ALMEMO Thermo-
electric Flow Sensor (FVA605TA1 Model). The velocity and
temperature measurements were both collected and recorded
by a computer aided data-logger (ALMEMO 5990-0 Model).
The accuracies of the anemometer and the thermocouples were
±1–1.5% and ±0.1% of full-scale, respectively.

The velocity of the air was measured setting the anemome-
ter in the centre of the cavity considering two different distances
from the bottom of the cavity (y = 0.25 and y = 0.45 m). The
experiments of the velocity together with the temperatures were
performed simultaneously on three and four days for the height
of 0.25 and 0.45 m, respectively. As shown in Fig. 2(b), two
holes of 12 mm diameter have been drilled in order to fix the
anemometer on the left side of the cavity. Using the data con-
cerning different days, an evaluation between numerical and
experimental results has been performed. After favorable so-
lution algorithms were determined, these algorithms were used
for the room depicted in Fig. 1. As seen in Fig. 3(a), comparison
of the predicted and observed temperatures shows a good agree-
ment (especially between 8 am and 17 pm). From the numerical
and experimental results (see Fig. 3(a)), it is seen that there is
a mean temperature difference up to 90% between 6:45 and 8
am, for 12 April, 2005. This case can be explained by the dif-
ferences between numerical and experimental initial-boundary
conditions; such as uniform temperature distribution and espe-
cially shading in the cavity. The temperature differences be-
tween predicted and experimental SAW are in the range of 6%
at 8.15 am. It is seen that the average SAW temperature ob-
tained by numerical calculations shows a continuous rise and
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(a)

(b)

Fig. 2. (a) Model passive heating system built for the experiments. (b) Experi-
mental set-up.

exceeds in the range of 5–12% the experimental average tem-
perature.

Changing of the experimental and predicted average air ve-
locity with the daytime is given in Fig. 3(b) for y = 0.25 and
0.45 m. When numerical calculations were performed, the ra-
diation values obtained from the experiments were used as heat
flux on the SAW. Certain deviations occurred between the ex-
perimental and predicted average velocity data. The deviations
between the experimental and predicted velocities were not
same for the selected daytime, i.e. while there was a deviation
up to 35.2% at between 6.45 and 8 am, the deviations were in
the range of 2–18% between 8 am and 17 pm. Nevertheless, this
difference for y = 0.45 m started in the range of 45% and con-
tinuously reduced up to 0.3% at 13.30 pm (on 14 April 2005).

The experimental results are useful not only for determin-
ing the velocities and temperatures in the cavity, but also for
providing information about the accuracy of the numerical cal-
culations. It can be observed that the trend of the simulation
curves is similar to the experimental results, and agreement is
rather good (with maximum ±10% accuracy), except for dur-
ing the sunrise and sundown.

3. Results and discussions

As it is known, the modified Rayleigh number is one of the
important model parameters for a given flow geometry [21,22].
In this study, the modified Rayleigh number including heat flux
and the width of the cavity was used, and written as

Ra = g.β.q.S4

k.α.υ
(4)

where g is gravitational acceleration, q is the heat flux on SAW,
S is the cavity width, β is thermal expansion coefficient, k is
thermal conductivity and υ is kinematic viscosity of the air.
The heat transfer characteristics are described by the Nusselt
number with its definition as follows:

Nu(i,k) = q.S

(T(i,j)|z=0 − Tg(i,j)).k
= 1

θ |z=0
(5)

the average Nusselt number:

Nu = q.S

k

1
1
A

.
∫
A
(T(i,j)|z=0 − Tg(i,j)).dA

= 1
1
A

.
∫
A

θ |z=0.dA
(6)

where A is area of SAW, T is temperature and θ is non-
dimensional temperature and evaluated as

θ = T − Tg

q.S
k

(7)

According to Eq. (5), the local Nusselt number is inversely
proportional to temperature differences (Ta(i,j) − Tg(i,j)) but
also directly proportional to heat flux (q) and the cavity
width (S). In some previous works, Eq. (5) was used for de-
termining the local Nusselt number in cavity including either
Trombe walls or the flow between two plates. While using the
mentioned equation for Trombe wall problems, the glass was
either insulated or maintained at constant temperature. Consid-
ering this aspect, present study is original from the previous
works due to including convection heat transfer at the glass.

The changing of temperature difference between the glass
and the absorber throughout the cavity height is given in Fig. 4
for x/X = 0.5. As seen at 8 am, temperature difference be-
tween the glass and the absorber is approximately 2 ◦C at
y = 0.3 m. It increases up to 4.08 ◦C at y = 0.4 m and 5.03 ◦C
at y = 2.4 m. Then, it decreases up to 1.8 ◦C at the boundary
of outlet vent. At 9 am, temperature difference begins approx-
imately 9 ◦C and it decreases up to 7.4 ◦C at the boundary of
inlet vent. Thereafter, it decreases again. It is seen that the vari-
ations are similar to each other although these have different
values. When Eq. (5) and Fig. 4 are taken into consideration, lo-
cal Nusselt number must be the maximum at 0 � y � 0.4 m and
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(a)

(b)

Fig. 3. (a) Changing of the experimental and numerical temperature with daytime. (b) Changing of the experimental and numerical velocity with daytime.
2.4 � y � 2.8 m for each time step because minimum temper-
ature difference occurs in that place. Fig. 5(a) shows that local
Nusselt number increases approximately up to 52 at boundary
of the inlet vents and up to 62 at boundary of the outlet vents.
Between inlet and outlet vents, local Nusselt number changes
between 22.1 and 24.2. Average heat flux increased 128% level
(67.51 W m−2) according to 8 am. The local Nusselt number in-
creased between 54% and 109% at 9 am (Fig. 5(b)), 59.7% and
107.84% at 10 am (Fig. 5(c)). Distribution of the local Nusselt
number is given in Fig. 5(d) and 5(e) for 11 am and 12 am, re-
spectively. The maximum local Nusselt number was 226.78 for
11 am and 247.63 for 12 am.

As discussed above, in this study, the flow between the glass
and absorber was taken into consideration. The glass and ab-
sorber were subjected to convection heat transfer and heat flux,
respectively. A few correlations are given in the literature for
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Fig. 4. Changing of temperature differences between the glass and the absorber in the cavity.

(a)

Fig. 5. Distribution of local Nusselt number in the cavity. (a) for Ug = 2.6 W m−2 K−1 and 8 am. (b) for Ug = 2.6 W m−2 K−1 and 9 am. (c) for
Ug = 2.6 W m−2 K−1 and 10 am. (d) for Ug = 2.6 W m−2 K−1 and 11 am. (e) for Ug = 2.6 W m−2 K−1 and 12 am.
flow by natural convection between two plates. However, in
these correlations, Rayleigh number based on the characteris-
tic length and temperature differences, in general, is consid-
ered. Since the modified Rayleigh number including heat flux
and the width of the cavity is used in this study, the average
Nusselt number is compared to the correlations given by Bar-
Cohen and Rohsenow and Fohanno and Polidori [22,23]. The
average Nusselt number for both laminar (Ra < 109) and turbu-
lent flow (Ra > 109) is given by Bar-Cohen and Rohsenow as
Nu = [(C1/(Ra.S/Y )) + (C2/(Ra.S/Y )2/5)]−1/2 for air flow
between wall and glass cover [22]. The values of the coef-
ficients C1 and C2 are 24 and 2.51, respectively. According
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(b)

(c)

Fig. 5. (Continued.)
to Fohanno and Polidori, the average Nusselt number can be
written as NuY = 0.595(RaY )1/5 for laminar regime (modified
Rayleigh number based on the cavity height (RaY) � 6.3 ×
109). It must be considered that when Nusselt number is calcu-
lated, the boundary condition for the glass surface is considered
as insulated in theoretical calculations, and as convection in nu-
merical calculations. The numerical Nusselt number is higher
than the theoretical Nusselt number with an exception for be-
fore 8 am and after 17 pm (Fig. 6). This is most probably due
to the difference of the boundary and initial conditions since
theoretical Nusselt number is also valid for steady-state natural
convection. On the contrary, the numerical Nusselt number is
valid for unsteady natural convection. For this reason, initial
conditions change always depending on previous time step in
the numerical calculations.

Distribution of the average velocity in the cavity is given at
y = 0.3 m (top boundary of the inlet vents), y = 1.4 m and
y = 2.5 m (bottom boundary of the outlet vents) in Fig. 7(a).
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(d)

(e)

Fig. 5. (Continued.)
The air entered from the room to the cavity goes through
the z-direction, and it is nearly constant through z-direction
(0.1 m s−1). y = 1.4 m indicates the middle of the cavity height.
Here, the average velocity distribution of the air differs from
that of y = 0.3. It is seen that the maximum values of the aver-
age velocity are 0.27, 0.04 and 0.11 m s−1 on the glass, at the
middle of the cavity and on the absorber, respectively. It is also
seen that the average velocity of the air increases to the direc-
tion of the vents and also on the absorber side. At y = 2.5 m,
although the velocity distribution is similar to that of y = 1.4 m,
the velocity is higher than that of y = 1.4 m on the absorber
side, and is less than that of y = 1.4 m on the side of the glass.
Likewise, the effect of the vents decreases on the absorber and
the glass side.

v-component in y-direction of the average velocity pre-
sented in Fig. 7(a) is given in Fig. 7(b). v-component goes
forward rather slowly to the direction of the vents. On the
side of the absorber, v-component between vents is 0.11 m s−1



İ. Kurtbaş, A. Durmuş / International Journal of Thermal Sciences 47 (2008) 1026–1042 1035
Fig. 6. Changing of average Nusselt number with daytime.

(a)

Fig. 7. Distribution of velocity in the cavity at 8 am for Ug = 2.6 W m−2 K−1. (a) average velocity, (b) v-component, (c) w-component.
to positive (upper) direction. Because of cooling of the glass,
v-component increases up to 0.17 m s−1 to the negative (down)
direction on the side of the glass. It is seen that the glass sur-
face temperature is less than the initial temperature (6 ◦C) at
y = 0.3 m. The heat, in the other words, transfers from the
glass to the environment. The direction of the average velocity
is completely y-direction at y = 0.3 m on the side of the glass
except for the side of the absorber. Likewise, v-component is
the positive direction on the side of the absorber, and is the
negative direction on the side of the glass. The direction of the
average velocity is completely y-direction at y = 1.4 m and
y = 2.5 m.
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(b)

(c)

Fig. 7. (Continued.)
Distribution of w-component (z-direction) on the absorber,
at z = −0.075 m and z = −0.15 m is given in Fig. 7(c). When
the geometry was formed by Gambit, origin was chosen at the
corner of the absorber (Fig. 1). Because of this, minus sign
used for lengths must not be considered. As seen from Fig. 7(a)
and (b), air velocity is zero on the absorber. The average ve-
locity is completely z-direction at the entrance of the outlet
vents and at the exit of the inlet vents. w-components, at the
inlet and outlet vents, are approximately equal to each other
and each of the w-component value increases from 0.12 to
0.15 m s−1. While w-component in the middle vent (x/X =
0.5) is −0.136 m s−1, it decreases up to −0129 m s−1 at x/X =
0.95 in the inlet vents. Likewise, while w-component in the
middle vent is 0.15 m s−1, it decreases up to 0.126 m s−1 at
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(a)

(b)

Fig. 8. Distribution of velocity in the cavity at 10 am for Ug = 2.6 W m−2 K−1. (a) average velocity, (b) v-component, (c) w-component.
the x/X = 0.05 and x/X = 0.95. The effect of outlet vents on
the w-component decreases up to 0.05 m s−1 at z = −0.075 m
(Fig. 7(c)). w-component decreases up to 10−4 m s−1, except
for the direction of the vents.

The air velocity increases depending on the daytime and
the heat flux consequently. Even though the velocity of the air
increases depending on the heat flux, distribution of the air ve-
locity in the cavity is similar to each other in view. The average
velocity, v-component and w-component are given in Fig. 8 (a),
(b), (c) at 10 am, respectively. These velocities increase up to
0.7 m s−1 at 12 am as seen from Fig. 9 (a), (b), (c).

In this study, three different overall heat transfer coefficients
(Ug) of the glass on which convection boundary condition is
applied were evaluated for Te = 0 ◦C. As known, overall heat
transfer coefficients of multi-layer glass change depending on
the fluid properties between the glasses and the glass thickness.
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(c)

Fig. 8. (Continued.)

(a)

Fig. 9. Distribution of velocity in the cavity at 12 am for Ug = 2.6 W m−2 K−1. (a) average velocity, (b) v-component, (c) w-component.
The air is generally used as a fluid filled between the glasses;
but, Argon and Krypton can also be preferred for some spe-
cial cases. The overall heat transfer coefficients of the glass can
change between 1.2 and 3 W m−2 K−1 depending on the glass
thickness, the gap between the glasses or the working fluid. In
this work, overall heat transfer coefficients are arbitrarily cho-
sen among the values given by TS 825 (Turkish Standards) for
the double glass. According to Eq. (9), Ug is proportional to
the heat transfer. In this case, heat losses increase depending on
Ug and temperature differences (Tg − Te). The changing of the
heat loss with the daytime is given in Fig. 10 for each Ug value.
As shown in Fig 10, heat loss is 108.55, 108.3 and 106.1 W for
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(b)

(c)

Fig. 9. (Continued.)
Ug values of 2.6 2 and 1.6 W m−2 K−1 at 8 am, respectively.
Since average solar radiation increases up to 67.51 W m−2 at 9
am, the glass surface temperature increases. The heat loss in-
creases 60.1% for 2.6 W m−2 K−1, 28.4% for 2 W m−2 K−1

and 8.07% for W m−2 K−1 according to previous time step. Af-
ter 9 am, the increment of the heat loss decreases for Ug of 2.6
and 2 W m−2 K−1. The increment ratio has the same gradient
at each time step for Ug = 1.6 W m−2 K−1. The heat loss in-
creases and reaches the maximum in the midday.
In this study, the average velocity of the air in the outlet vents
is maximum in the middle vents and it decreases away from the
middle vents. Changing of the average velocity of the air in
the vents is given in Fig. 11 for 8, 10 and 12 am. The average
velocity of the air increases approximately up to 0.15 m s−1 in
the middle vent at 8 am., 0.175 m s−1 at 10 am, and 0.19 m s−1

at 12 am. Changing of total mass flow rate in outlet vents with
daytime is also given in Fig. 11 for Ug = 2.6 W m−2 K−1 and
Te = 0 ◦C. The mass flow rate is approximately 0.025 kg s−1
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Fig. 10. Changing of heat loss from the glass surface with daytime for each Ug value.

Fig. 11. Changing of mass flow rate and average velocity of the air with daytime and outlet vents, respectively.
at 8 am. Then it increases up to 0.034 kg s−1 depending on the
heat flux on the SAW.

The effect of Ug on Nusselt number is given in Fig. 12.
The most important parameter on Nusselt number is Rayleigh
number for each Ug values. However, the effect of Ug on
Nusselt number is to be more in low Rayleigh number. Nus-
selt number for Ug values of 2.6, 2 and 1.6 W m−2 K−1 is
29.84, 35.95 and 37.41 in Ra = 1.6 × 108, respectively. Con-
sidering this, when Ug decreases from 2.6 to 2 W m−2 K−1,
Nusselt number increases 20.47%, and also decreasing re-
sults in a 4% increase from 2 to 1.6 W m−2 K−1. Therefore,
we can conclude that the increment rate of Nusselt num-
ber decreases in the case of decreasing Ug value. For Ug =
2.6 W m−2 K−1 and Ra = 1.1 × 109 Nusselt number is 63.46,
and for the same Rayleigh number and Ug = 1.6 W m−2 K−1 it
is 64.23.
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Fig. 12. Changing of average Nusselt number with Rayleigh number.

Fig. 13. Changing of radiation heat transfer in the cavity with daytime.
A correlation was derived using multiple regressions for
Nusselt number given in Fig. 12.

Nu = 0.1.Ra0.32.(U.S/k)−0.068 (R = 0.976) (8)

The empirical formula given above is valid for unsteady nat-
ural convection since heat flux changes between 29.5 and
206.9 W m−2 K−1 and Rayleigh number is in the range of 108
and 109. The effect of Ug on the heat transfer via radiation is
given in Fig. 13. Because the effect of Ug on the heat transfer
via radiation is less significant, the heat transfer values for each
parameter are presented in Fig. 13 showing also the data with
three digits after decimal point. Similar to Nusselt number, the
most important parameters on the radiation heat transfer is heat
flux (q), and Rayleigh number. Heat transfer, on the other hand,
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decreases contrary to Nusselt number if Ug is decreased. The
local temperature values are used to calculate the radiation heat
transfer defined below:

QR = σ.

1
ε1

+ 1
ε2

− 1
.

∫
A

(T 4
a(i,j) − T 4

g(i,j)).dA (9)

where σ is Stefan–Boltzmann constant given as 5.67 ×
10−8 W m−2 K−4, ε is emissivities of the surfaces. As known,
in the case of decreasing Ug , the glass surface temperature
increases, and so the radiation heat transfer decreases. It is
seen from Fig. 13 that the radiation heat transfer increases
approximately 98% when Rayleigh number is increased from
1.6 × 108 to 3.6 × 108 at 8 am. However, the radiation heat
transfer increases 22.3% in the case of increasing Ug from 1.6
to 2.6 W m−2 K−1.

4. Conclusions

In this study, by considering the cavity of the passive heat-
ing room, unsteady state heat transfer and flow equations were
solved numerically. Two types of the heat transfer boundary
conditions are prescribed as convection and variable heat flux
on the side of the glass and the absorber. As for the others,
boundary conditions are chosen as constant temperature and
convection.

We can conclude from the above discussions that the heat
flux and the overall heat transfer coefficient (Ug) of the glass
have important effects on the heat transfer. It is seen that the
average velocity of the air changes depending on the vent lo-
cations. While the average velocity of the air is the maximum
in the middle vents, it decreases away from the middle vents.
Total mass flow rate, which is addition of mass flow rate in
each inlet or outlet vent, is 0.0251 kg s−1 for Ra = 1.1 × 108

at 8 am, and it increases up to 0.0336 kg s−1 in the midday
depending on Rayleigh number. The overall heat transfer co-
efficient for low Rayleigh number affects the average Nusselt
number more than that for high Rayleigh number. In this work,
local Nusselt number and velocities are given as three dimen-
sional (3-D) in the cavity. With this work is anticipated to be
a leader for further studies, which will be done on the aug-
mentation of the effectiveness of the passive heating systems.
Because of obtaining local velocity components, some required
manipulations were executed to avoid the heat losses and dead
locations in the cavity. For instance, the heat loss from the cav-
ity to the environment is to be more in the neighborhood of the
inlet vents. By this definition, a certain part of the glass surface
can be insulated depending on certain condition.
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